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Aerodynamic Effects on Blade Vibratory Stress Variations
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Blade-to-blade variations in blade resonant frequencies, known as mistuning, and how these variations are
related to vibratory stress amplitude and viscous damping variations were investigated for an integrally bladed
disk, or blisk. Blade response to an inlet total pressure distortion was measured using dynamic strain gauges with
the blisk at operating conditions. In addition, a reduced-order analytical model of the blisk was used to predict the
blade resonant stress variations. The measured stress variations were found to be strongly influenced by unsteady
aerodynamic coupling. Blade structural mistuning and mechanical coupling through hub motion were determined
to have only a minor influence on blade-to-blade stress variations. Stress distribution patterns at resonance and
at constant speeds above and below resonance suggested a relationship between stress variations and unsteady
aerodynamics. To support this, aerodynamic damping variations measured at resonance were shown to correspond
roughly to stress variations. Experimental results were compared to the predicted variations from the reduced-
order model. Results from the model indicated that unsteady aerodynamic coupling played an important role in

the mistuned response of the blisk.

Nomenclature

engine order of excitation, or hub nodal diameters
Mach number

number of blades on rotor

dynamic magnification factor

viscous damping ratio

interblade phase angle
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Introduction

ISTUNING in a compressor rotor may contribute to en-

gine high-cyclefatigue by significantly increasingindividual
blade vibratory stress amplitudes, which in turn decreases the num-
ber of cycles to failure for subject blades. Mistuning arises when
minor variations in the components of a periodic system lead to
mode localizationand is characterizedby strong resonantvibrations
in a small region of the rotor. Localization means that prediction,
measurement, and control of resonance become more complex and
may also result in increased stress amplitudes in comparison to a
tuned response. In a compressor rotor the effect of mistuning on
vibration amplitude is evident as significant variations from blade
to blade with particularblades responding more vigorously than the
mean response.

Numerous studies of traditional bladed-disk assemblies, both
experimental and analytical, have focused on understanding the
physics involved in mistuning.!~> These have primarily involved
rotors in a static condition. Probabilistic studies have also been ac-
complished to try to develop methods of predicting mistuning in
rotor design.57 Other approaches, such as finite element analysis,
have attempted to model more closely real system dynamics. Most
finite element models of rotors employ cyclic symmetry, thereby
eliminating the possibility of mistuning. Some models have been
developedto investigate mistuning, but they tend to be computation-
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ally cumbersome.®® One of the most recent techniques, developed
by Ottarsson et al.!” and Kruse and Pierre!! uses a reduced-order
method thatintroduces variationsinto the calculationsfor cyclically
symmetric finite element models to yield mistuning effects, thereby
reducing computational requirements.

Experimental mistuning research on rotating machinery has
been limited. Griffin!> measured mistuning for a low-speed, low-
frequency bladed-disk assembly using strain gauges. He focused
particularly on probabilistic results, which he correlated with an
analytical model developed in the same study. He found that the
largest stress amplitudes occurred for blades that vibrated near the
tuned-disk frequency, which he defined as the frequency at which
the bladed disk would respond if the blades were all tuned.

Modern compressor rotors often use a blisk design. A blisk is an
integrally bladed disk in which the disk and blades are machined
from a continuous piece of material, often resulting in a higher de-
gree of tuning in the rotor. Because previous studies have generally
focused on bladed-disk assemblies rather than monolithic blisks,
further investigation of mistuning in a blisk configuration is vital to
understandingits effects in a modern compressor rotor.

The objective of this paperis to provide a comprehensiveaccount
of natural frequency and vibratory stress variationsfor a single blisk
mode. A rotor was acceleratedthroughits first resonantblade mode,
the first flex (1F) mode, which was excited by a 3/rev inlet total pres-
sure distortion. Data from dynamic strain gauges quantified reso-
nant frequencies, vibratory stress amplitudes, and viscous damping
so that blade-to-bladevariationsin these parameters could be evalu-
ated. The variations found for each of these parameters were corre-
lated to determine the dependencebetween them and to gain insight
into why they occurred. Stress variations at the forcing frequency
for steady-state dwells above and below the 1F resonance were also
examined. Finally, the blisk was analyzed using the reduced-order
model of Refs. 10 and 11, with the results compared to experimental
data to evaluate the role of unsteady aerodynamic coupling.

Experimental Configuration

The experimentinvestigated mistuning effects in the first stage of
a two-stage compressor, shown schematically in Fig. 1. This rotor
is a blisk configuration with 16 airfoils and an integral stub shaft
constructedof Ti-6-4. The blisk is an advanced design composed of
low aspect ratio blades, as described by the geometric parameters
shown in Table 1.
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Table1 Rotor 1 geometric parameters

Parameter Value
Average aspect ratio 1.22
Rotor tip radius, cm 35.24
Inlet radius ratio 0.33
Average radius ratio 0.47
Average tip solidity 1.50
Maximum thickness/chord 0.028

Table2 Rotor 1 performance parameters

Design Test
Parameter condition condition
Percent rotor speed 98.6 68.5
Adiabatic efficiency, % 88.9 81.6
Total pressure ratio 2.50 1.59
Total temperature ratio 1.30 1.18
Tip speed, m/s 483.5 335.8
Mass flow, kg/s 71.8 459
1430m 37 om—>| Rotor 1 Hub
Leading Edge
. Distortion - ,‘/
' Distortion Measurementq |
"~ Sereen Station / 35cm

[Flow > \
\

Fig. 1 Test compressor schematic.
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Fig. 2 Inlet distortion screen.

The aerodynamicdesign pressure ratio and mass flow for rotor 1
occur at a corrected speed of 13,288 rpm. For this experiment mis-
tuning effects were evaluated near the first blade resonant crossing,
the 1F mode, at a frequency of approximately 435 Hz. This mode
occurs at a mechanical speed near 8700 rpm with a 3/rev distur-
bance. The performance parameters of the rotor at design condition
and at the test condition of this study are shown in Table 2. At the
design point the rotor relative airflow is supersonic at 45% span for
inlet temperatures near 300 K. For the test conditioninvestigatedin
this report, the flow is subsonic throughout M ~ 0.8-0.9.

The forcing function used to excite the 3/rev resonant test con-
dition was produced by an inlet total pressure distortion introduced
using a meshed screen mounted in the compressor inlet, as shown
in Fig. 1. The porosity of the screen was incremented around the
compressor circumference to produce a roughly sinusoidal forcing
function. A diagram of the screen showing this mesh density can be
seen in Fig. 2.

The distortion pattern was mapped 37 cm upstream from the
compressor face using a distortion rake consisting of total pressure
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Fig. 3 Characterization of forcing function.

probes at five radial immersions in the flow, as shown in Fig. 1.
The distortion screen was rotated with the rake fixed so that a cir-
cumferential pressure distribution consisting of 889 measurements
was recorded at each immersion. The mean pressure distribution
and corresponding frequency content of the aerodynamic forcing
function are shown in Fig. 3. The screen produceda maximum total
pressure variation of approximately £2.5% of the circumferential
mean. The primary component of the inlet pressure field was the
intended 3/rev forcing function, but other excitations were present
as well, as seen in Fig. 3. These had little effect on rotor response
at the 1F crossing. The distortion measurement rake was removed
before obtaining the strain-gauge data presented here to eliminate
any blade response caused by wakes generated by the rake.

Instrumentation and Data Acquisition

Strain instrumentation consisted of dynamic strain gauges ap-
plied at the root of each of the 16 rotor blades. The uncertainty
of these gauges in stress amplitude measurement at the 1F mode
was estimated at approximately 6%, based on signal conditioning
equipment specifications and the methods of Nichol.?

Campbell diagrams were generated for all of the strain gauges
during accelerations through resonance, from 8100 to 9100 rpm
mechanical speed. These speed increases were executed at a rate of
approximately 30 rpm/s, which was rapid enoughto avoid damaging
the rotor but still allowed the acquisition of useful peak resonance
data. Figure 4 shows one of the Campbell diagrams producedduring
the experiment. The processor sampled data at a rate of 30 kHz and
performeda fast Fourier transform(FFT) on each signal to determine
the frequencyresponseof the strain gauge and the amplitude of each
frequency component. The frequencies and corresponding stress
amplitudes were plotted on the Campbell diagram as a function of
rotor mechanical speed. The Campbell diagram in Fig. 4 shows a
strongresponseat the 1F mode. Additionalresponsesto other modes
can also be seen near a frequency of 1200 Hz. These were caused by
the additional forcing function components already mentioned in
the discussion of the 3/rev screen. The additional responses had a
negligible impact on the 1F response. Resonant frequencies and
peak stress amplitudes for each blade were determined at the 1F
mode directly from the Campbell diagrams.

In addition to Campbell diagrams, strain-gauge signals were
recorded on analog tape. Twenty seconds of recorded data for off-
resonant operation at 8100 and 9100 rpm were sampled at a rate
of 2.5 kHz. An FFT of each digital signal determined the primary
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Table3 Compressor mass flows

Operating line Mass flow, kg/s
WOD 45.2
NOL 44.8
PE 44.1
NS 41.9

Table4 Rotor mean resonant stresses and frequencies

Operating line ~ Mean stress, kPa ~ Mean frequency, Hz

WOD 145,335 435.8
NOL 141,908 435.5
PE 137,334 435.3
NS 126,115 435.0
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Fig. 4 On-line Campbell diagram.

Frequency (Hz)

response frequency and amplitude for each blade at the off-resonant
conditions above and below resonance.

Testing took place on four different compressor operating lines.
The throttle settings for these operating lines were defined by cor-
rected mass flow at 8100 rpm. Mass flow was adjustedusing a close-
coupleddischarge valve at the compressorexit. The conditions con-
sisted of the maximum throttle area or wide open discharge (WOD),
the nominal operating line (NOL), peak efficiency (PE), and near
stall (NS). Mass flows for the operating lines are shown in Table 3.

Experimental Results

Examination of response frequencies and peak stresses at reso-
nanceallow forevaluationof mistunedresponsein the blisk. Figure 5
shows the circumferential distribution of peak stress and resonant
frequency variations. The variations are presented as a percentage
of the mean for each operating condition. The mean stresses and
frequencies for each operating line are provided in Table 4 for ref-
erence.

The data in Fig. 5 indicate that the blisk is essentially tuned.
The frequency varied by less than 0.7% of the mean for all blades
on all operating lines. However, the peak stresses varied by up to
26% of the mean along NOL, with standarddeviationsranging from
11.4% along WOD to 12.4% along NOL. Closer examination also
shows that the distribution patterns around the rotor circumference
are not the same for frequency and stress, thus demonstrating little
correlation between these parameters. Blades that respond below
the mean frequency do not show a tendency for either higher or
lower than mean peak stress. Because natural frequency is a direct
measurement of blade structure, this lack of correlation indicates
that the blade-to-blade variations in stress are strongly influenced
by factors other than blade structural mistuning.

The first possible factor is hub modal participationin which hub
response significantly alters blade response. However, phase data
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Fig. 5 Blade resonant frequency and stress variations.

from this experiment do not indicate the presence of a hub mode.
Interblade phase angle can be expressed mathematically as

o5 = —360°(C/N) (1)

Solving Eq. (1) for C yields either the engine order of an aerody-
namic disturbance or the number of nodal diametersin a hub mode,
whichever dominates the response. The negative sign indicates a
backward-traveling wave, which occurs in a stable system such as
the test rotor. The phase measured from recorded signals between a
pair of adjacent blades was approximately —67 deg. From Eq. (1),
this measurement indicates a backward-traveling three-nodal wave
typical of response to a 3/rev inlet forcing function.

In addition, finite element modeling of the rotor does not support
hub participation. Predicted frequencies were plotted vs nodal di-
ameter for amodel of the rotor. In this form of analysis,blade modes
appear as essentially horizontal lines because the number of nodal
diameters does not significantly affect blade stiffness. However, as
the number of nodal diameters increase, the disk rapidly becomes
stiffer. Therefore, disk or hub modes appear as diagonal lines with
frequencies increasing monotonically with nodal diameter. Where
these cross, the modal response will veer or turn to show interaction
between modes.!° Figure 6 shows the predicted frequencies plotted
vs nodal diameters for the first mode of the rotor in a static condi-
tion. Figure 6 shows that modal veering does not occur for the 1F
mode. Thus, hub modal participationdoes not appear to be a major
factor in the resonant response at this crossing.

Unsteady aerodynamic coupling is the second possible factor in-
fluencing the blisk mistuned response. The blade passage flowfield
at this condition is complex, and detailed analysis of the flowfield
is beyond the scope of this study. However, stress data from off-
resonant conditions at constant speed give some insight here.

The stress variations from the rotor mean are shown in Fig. 7 for
all four throttle conditions at 8100 and 9100 rpm. The response at
the excitation frequency was measured for each blade. At 8100 rpm
this frequency was 405 Hz, and at 9100 rpm the excitationfrequency
was 455 Hz. The amplitude of the response for each blade at these
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Fig. 6 Frequency vs nodal diameter plot for test rotor 1F mode.

8100 RPM

25%
20% +
c 15%

_.
S
®

5% OwoD
NOL
BPE

ENS

from Mea

iation
&9
2 R

-10%
-15% + 1l
-20% T

-25%

Percent Stress Amplitude
Devi

12 3456 7 8 910111213141516
Blade Number

9100 RPM

Percent Stress Amplitude
Deviation from Mean

123 456 7 8 910111213 141516
Blade Number

Fig. 7 Off-resonant stress variations.

frequencies varied significantly. At 8100 rpm the stresses varied by
as much as 17% of the mean stress at the PE throttle condition, and
the standard deviationranged from 6.7% at NOL to 8.7% at PE. At
9100 rpm the stress amplitude at the forcing frequency varied by
up to 21% of the mean while operating near stall, with the standard
deviation ranging from 9.8% at WOD to 13.7% at NS.

Figure 7 shows similar patterns between operating lines at con-
stantspeed. The blade-to-bladestress distributionsat 8100 and 9100
rpm change quantitatively with throttle condition but are qualita-
tively the same. However, the fundamental pattern changes consid-
erably from one speed to the other, indicating a relationship be-
tween speed and blade-to-blade stress distribution, which suggests
that blade unsteady aerodynamics are involved. For example, un-
steady aerodynamic damping on each blade can vary because of
small differences in angle of attack and blade curvature that do not
appreciably affectblade structure. At high subsonic Mach numbers,
such as those experiencedby the blades during the experiment, these
differences can account for the variation in blade response around
the rotor. As rotor speed changes, blade untwist and changes in the
relative flow velocity experiencedby the blades may account for the
changes in distribution between speeds as seen in Fig. 7.
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Fig. 8 Correlation of stress and dynamic magnification variations.

This observation is supported by the resonant stress distribution
shown earlier in Fig. 5. Whereas these stresses were not measured
ata constantspeed, resonance occurred at nearly the same operating
speed for each throttle condition. The maximum speed difference
between operating lines was less than 20 rpm. Therefore, the reso-
nant conditions for each operating line may be assumed to occur at
essentially constant speed, comparable to the off-resonant constant
speed conditions.

Direct investigation of damping at the resonant condition shows
that significant variations were present. Viscous damping was ob-
tained using the half-power method, and then converted to the dy-
namic magnification factorto clarify comparisonto stress variations.
The dynamic magnification factor is related to viscous damping by

Q=1/Q2%) 2)

Figure 8 shows the variations in Q in comparison to the measured
resonant stress variations. Figure 8 shows that the variations in Q
roughly correspondto the variations in stress amplitude, with the Q
variation being approximately double that of stress in many cases.
Thus, stress variations show an inverserelationshipto damping vari-
ations.

In blisks such as the test rotor, structural damping is very small
in comparison with aerodynamic damping and is often neglected.
Therefore, the damping measured during the experiment may be
considered aerodynamic damping. Based on this assumption and
the results shown in Fig. 8, the measured stress variations at reso-
nance may be attributed at least in part to variationsin aerodynamic
damping.

Reduced-Order Model

The effects of unsteady aerodynamic coupling on the forced re-
sponse of the blisk at its first blade mode were investigated with the
reduced-ordermethod developedby Ottarssonet al.'® and Kruse and
Pierre.!! This method employs a component mode technique with
components consisting of disk-induced motion and cantilevered
blade motion, allowing individual mistuning of each blade. Blade
motion consists of blade finite element mode shapes, with the blade
cantileveredat its interface with the disk, superimposed on the mo-
tion of the disk. Disk motion is described by finite element mode
shapes of the disk with massless blades attached. Finite element
modeling of a single disk-blade sector is required to obtain mode
shapes. These mode shapes are used to build a reduced-ordermodel
of the entire rotor with a reduced number of degrees of freedom
in comparison with a complete finite element model. Monte Carlo
simulations provide a statistical analysis of frequency variations,
which are assumed to be random, and the resulting displacement
variations. Motion-dependentaerodynamic coupling can also be in-
corporatedinto the model. Output consists of a normalized resonant
displacement for each blade, with normalization based on finite el-
ement coordinates. Because the model is assumed to be linear, the
displacementsare proportionalto stress, and percentdeviationsfrom
the circumferentialmean displacementcan be directly correlated to
percentdeviations from the mean stress determined experimentally.
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Fig. 9 Rotor finite element models.

The forced response portion of the program has been validated
against a full finite element model of an industrial turbomachine
rotor.!

The structural model of the blisk was based on two finite element
models, as shown in Fig. 9. The first consisted of a single hub-blade
sector and determined the hub contribution to blade response. The
bladeportionwas comprisedof 1200 brick elementsand 1764 nodes,
and the hub was created using 1098 elements and 1630 nodes. The
blade elements were assigned no mass by specifying zero density
in the material properties of those elements, and the blade was fixed
to the hub surface by multipoint constraints. The attach points of
the hub to the compressor main shaft were fixed by single-point
constraintson all displacementdegrees of freedom.

The reduced-order model requires the use of cyclic symmetry in
the hub finite element model, which is based on linear superposition.
This precludes direct consideration of centrifugal stiffening, which
requires a nonlinear finite element analysis. To account for this re-
sult, the hub modulus of elasticity was increased by 34% to reflect
centrifugal stiffening. This modulus yielded the same frequency re-
sponse in a linear blade model as was obtained for the nonlinear
blade model with the original modulus.

The second finite element model consisted of the blade alone,
cantileveredat its root to solve for the blade mode shapes. The hub
elements were removed from this model, and the blade root was
fixed using single-point constraints on all displacement degrees of
freedom. A nonlinearmodal analysis was performed, which yielded
blade frequencies and mode shapes with centrifugal stiffening at
speed. The predicted blade response frequency in the first mode
was 435.5 Hz, which agrees with the experimental results shown
in Table 4. This model was also used to determine blade mass and
stiffness matrices for the reduced-order model. Blade mistuning
parameters used as input to the reduced-ordermodel were based on
static bench tests of the blades.'?

Motion-dependent aerodynamic coupling in the reduced-order
model is introducedin the form of a matrix of dimensional unsteady
aerodynamic terms. For analysis of the 1F mode in the test rotor,
unsteady lift terms were requiredfor the blades.'® A nondimensional
unsteady lift coefficient for eachinterbladephase angle was obtained
from an aerodynamic code developed by Whitehead.!” This code
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Fig. 10 Predicted magnification factors for various aerodynamic cou-
pling strengths.

predictsaerodynamicinfluence coefficientsto accountfor the effects
of the motions of the rotor blades on a given blade based on phase
angle relationship. The coefficients were dimensionalized by the
lowest eigenvalue from the cantilevered-bladefinite element model
to obtain lift terms consistent with the reduced-order model. The
resulting unsteady terms were reduced by weighting factors of ﬁ,
61—0, and # to consider weak, moderate, and strong aerodynamic
coupling, respectively, which follows the convention of the authors
of the reduced-orderprogram.'

The three aerodynamic coupling strengths were studied to deter-
mine the strength of the coupling in the test rotor. Simulations were
performed for each coupling strength, with the results expressed in
terms of a magnification factor. The magnification factor is the ratio
of the largest predicted response to the tuned rotor blade response,
which is approximately equivalent to the ratio of the greatest peak
blade stress to the mean resonant stress around the rotor. Figure 10
shows the magnification factor predicted for each coupling strength
along with the magnification factor from the mistuned structural
model with no aerodynamic coupling. The parabolic curve is a
second-order polynomial curve fit to observe trends. The exper-
imental magnification factor averaged over all operating lines is
provided for comparison.

In Fig. 10 the mistuned structural model with no aerodynamic
coupling did not predict the stress variation observed in the test ro-
tor. The predicted magnification factor was 1.56, while a mean mag-
nification factor of 1.24 was measuredin the blisk. More succinctly,
the predicted variations caused by structural mistuning alone were
more than double the measured variations, 56 vs 24%, respectively.
In addition, the structural model predicted a correlation between
response frequency and amplitude, which is not consistent with the
experiment.

With results from the structuralmodel as a baseline, Fig. 10 shows
that the displacement variations increase in the blisk with aerody-
namic coupling strength to a maximum and then begin to decline.
This result is not surprising. A similar trend was determined to
generally occur for mistuned systems in a study by Ottarsson and
Pierre.'® They reasoned that a mostly localized response would give
some variation from blade to blade, as seen by the result for no
aerodynamic coupling. As coupling increases, energy is exchanged
between blades, which allows a blade to absorb the energy of its
neighborsand vibrate more vigorously, illustrated by the peak in the
maximum magnification factor shown in Fig. 10 between weak and
moderate aerodynamiccoupling. However, increasing coupling fur-
ther can actually reduce mistuned response because so much energy
is shared between blades that the response is no longer localized.
Instead, the entire rotor begins to respond as a system.

The predicted magnification factor for strong aerodynamic cou-
pling agreed with experimental data at the blisk 1F mode. As a
result, several additional Monte Carlo simulations were performed
with strong aerodynamic coupling. The standard deviation of the
predicted displacements ranged from 18 to 21% during these sim-
ulations, which is somewhat greater than experimental results.
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However, the consistentcorrelationbetween peak displacementand
response frequency no longer existed for each simulation, similar to
what was observed during the experiment. Energy transfer through
aerodynamic coupling appears to dominate the mistuned response,
removing the correlation between resonant amplitude and blade
structure. These results indicate that strong aerodynamic coupling
likely existed in the blisk during the experiment.

Conclusions

Blade-to-blade variations in resonant frequency, vibratory stress
amplitude,and viscousdampingin responseto an inlet forcing func-
tion were measured in a high-speed, low-aspect-ratio blisk. Reso-
nantresponseof the rotordemonstratedthat the blisk was essentially
tuned, thus decoupling blade structure from measured blade stress
amplitude variations. This finding is particularly important because
such stress amplitude variations are classically attributed to blade
structural mistuning. Interblade phase angle measured at resonance
and results from finite element modeling of the rotor indicated that
hub motion was not a significant factor in the measured stress vari-
ations. Blade-to-blade stress distribution patterns and lack of cor-
relation with response frequency suggested the presence of strong
aerodynamiccoupling. Moreover, aerodynamic damping variations
were shown to correspond roughly with blade-to-blade stress am-
plitude variations.

Results from a reduced-ordermodel incorporatingunsteady aero-
dynamic coupling indicated that strong aerodynamic coupling was
likely. This coupling could actually reduce localizationin the rotor
such that blade-to-blade stress variations were less than their pos-
sible maximum. Detailed modeling of the rotor with strong aero-
dynamic coupling showed reasonable agreement with experimental
results. The magnitudes of the predicted variations were slightly
larger than those measured during the experiment. Thus, the com-
bined experimental and analytical results of this study indicate that
the magnitude and distributionof the variationsin the testrotor were
strongly influenced by aerodynamic loading.

The use of blisks in modern compressor rotor design leads to
systems that are more tuned than traditional bladed-disk assem-
blies. As a result, unsteady blade loads that may be overshadowed
by mistuning effects in a bladed-disk assembly become significant
in a blisk. More consideration must be given to the role of un-
steady aerodynamiccouplingin mistuned rotor response,especially
asrotor designs continueto advance. Blade-to-bladeenergy transfer
through unsteady aerodynamicloading is not well understood. This
investigationshows that an improved understanding of the complex
flowfield in the blade passage, and particularly how this facilitates
coupling between blades, is necessary to fully characterize blade
response variations.
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